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FOREWORD

This is the final report of an analytical study and design
performed by Union Carbide Corporation, Linde Division, on Contract
NAS3-8516. The purpose of this program is to investigate the
applicability of Linde's gas bearing system to the Brayton-cycle
turbomachinery, specifically the radial flow turbocompressor built
under Contract NAS3-2778. The contract work was performed under the
direction of National Aeronautics and Space Administration, Lewis
Research Center. Mr. H. B. Tryon was the Project Manager, and
Messrs. W. J. Anderson and F. J. Dutee, the Technical Advisors.

The work was conducted during the period of June 6, 1966,
and January 6, 1967, by Mr. S. V. Lukas as the Principal Investigator.
He was assisted by Messrs. H. H. Ammann, L. C. Kun, B. D. Patel,

H. M. Scofield, and W. H. Tober. ‘
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1.0 SUMMARY

f . . IREE
T oo Lt : L NI

Thls report presents the work performed for the application of
Linde's gas bearing system to: an existing Brayton cycle turbocompressor.
After reviewing the existing turbocompressor design, the following tasks
were performed:

The most suitable bearing and mount arrangement for the machine
was selected. The gas-lubricated rotor is supported by a non-rotating damped
shaft with flexible supports.

The journal bearings were analyzed for power loss, centrifugal
and thermal growth of the radial clearances, and other pertinent perfor-
mance parameters.

A spiral-grooved, pump- in thrust bearing was selected and
analyzed for frictional power loss, load-carrying capacity, running gap,
centrifugal and thermal distortion.

The journal bearings and the double-acting thrust bearing are
provided with feeder holes of the inherently compensated type for hydro-
static start-up and stop.

The rigid body critical speeds of the system were calculated
and ‘were found to be above and below.the operating speed. The flexural
critical speeds of the stationary shaft and rotor were found to be above
the overspeed condition of the machine.

The stiffness of the flexible sugports and the required damping
coefficients were determined for stable operation of the jourmal bearings

at: the design speed and overspeed.

A scale layout of the bearing and support system was made.



2.0 INTRODUCTION

NASA has presently under development a Brayton cycle space
power system. Present gas bearing designs for the Brayton cycle turbo-
machinery are of the pivoted-pad type and may have a limited life due
to wear at the pivot point. The life requirement of such bearings is
10,000 hours with no maintenance or replacement. Plain cylindrical
journal bearings cannot be used because they are unstable at high speeds

and in the zero 'g" enviromment.

Figure 1 is a schematic view of the existing Brayton cycle
radial flow turbocompressor using argon as the working fluid. The com-
pressor and turbine inlet temperatures are 536°R and 1950°R, respectively,
the inlet pressures are 6.0 psia and 13.2 psia, respectively, and the
pressure ratios are 2.30 and 1.56, respectively. The operating speed of
the machine is 38,500 rpm and has an overspeed requirement of 46,200 rpm.
The journal bearings are of the pivoted-pad type and the thrust bearing
of the step-sectored type. The thrust bearing stator is mounted on a
gimbal so that it can follow any misalignment of the thrust rumnner. All
bearings operate hydrodynamically in a 12-psia argon environment with
hydrostatic start-up and stop.

Figure 2, attached hereto, presents the same turbocompressor
utilizing Linde's gas bearing system. The system consists of a station-
ary shaft mounted to the inlet and outlet ducting of the turbocompressor
by flexible supports. This arrangement provides thermal isolation of the
bearings from the housing and, therefore, the journal bearing clearances
will be affected only slightly since the shaft and rotor will follow the
same temperature excursions. The thrust bearing stator, which is located
near the compressor wheel, is press-fitted to the shaft forming thus an
integral part with the shaft. In this arrangement, good bearing align-
ment is assured, and there is no need for a gimbal mount for the thrust
stator. The rotor is split at the thrust bearing for assembly purposes.
High-pressure argon is introduced through the compressor end flexible
support for hydrostatic start-up and stop. External pressurization is
shut off when the rotor reaches operating speed.
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3.0 JOURNAL BEARING DESIGN

3.1 Journal Bearing Hydrodynamic Parameters

The machine has two full cylindrical journal bearings. Their
geometrical and operating parameters under hydrodynamic conditions are
given in Sections 3.1.1 and 3.1.2.

3.1.1 Geometrical Parameters

Bearing diameter: 1.33 inches

Bearing length: 1.33 inches

Radial clearance: 0.7 mil (compressor end)
0.5 mil (turbine end)

3.1.2 Operating Parameters
For both bearings
Speed: 38,500 rpm
Radial clearance: 1.1 mils¥®
Ambient pressure: 12 psia
Compressor end Turbine end
bearing bearing
Temperature, °R: 500 1600
Viscosity, lb-sec/in?: 3.12 x 1079 7.2 x 1077
Compressibility number: 2.30 5.30
Load, 1b: 4.2 6
Eccentricity ratio: 0.28 0.25,
Film stiffness, 1lb/inch: 17,400 25,000
Power loss, watts: 14 31
3.2 Journal Bearing Hydrostatic Parameters

Each jourmnal bearing has a row of orifices at its center for
hydrostatic start-up and stop. The geometrical and operating parameters
for hydrostatic operation are “given in Sections 3.2.1 and 3.2.2.

3.2.1 Geometrical Parameters
Type of restrictor: inherently compensated
Bearing diameter: 1.33 inches
Bearing length: 1.33 inches
Radial clearance: 0.7 mil (compressor end)

0.5 mil (turbine end)

Diameter of feeder holes: 1/32 inch
Number of feeder holes: 8 (per journal bearing)

*The radial clearances of both journal bearings increase to 1.1 mils
at 38,500 rpm due to centrifugal growth. See Section 3.3.




There is some concern about loss of load-carrying capacity of
the journal bearings under hydrodynamic conditions due to the back
leakage through the feeder holes. The feeder holes should be located
at the center of the journal bearing and away from the minimum film

thickness where the pressure level is high.

3.2.2 Operating Parameters
For both bearings
Speed: 0
Supply pressure: 84.7 psia
Ambient pressure: 12 psia
Temperature: 70 °F 9
Viscosity: 3.34 x 1072 1b-sec/in
Compressor end Turbine end
bearing bearing
Film stiffness, 1b/inch: 49,000 39,400
Load, 1b: 4.2 6
Eccentricity ratio: 0.12 0.30
Flow rate, lb/min: 0.047 0.020
3.3 Journal Bearing Centrifugal Growth

The journal bearing radial clearances will increase as the
rotor speeds up due to centrifugal forces. The clearances at zero
speed, design speed (38,500 rpm), and overspeed (46,200 rpm) will be

as follows:

Radial clearance of Radial clearance of
compressor end turbine end
Speed journal bearing journal bearing
rpm mils mils
0 0.7 0.5
38,500 1.1 1.1
46,200 1.3 1.4

A radial clearance of 1.1 mils was selected at the operating
speed to provide high threshold of stability and low power loss.

The centrifugal growth, (AC), was calculated by assuming the
rotor portion above the journal bearing region as an annular disk and

then using the equation

2 1
_ bW 2 . 31
AC = LEg B +V)rr, + 1 V) r, §

(1



Equation (1) gives the centrifugal growth of an annular disk

at the inner radius.

The values of the parameters used in equation (1) are as

follows:

Compressor end

Material: Ti, 6% Al, 4% V
r,, inside radius: 0.665 inch

r_, outside radius: 1.3 inches3

p, densitys: 0.16 1bfin

E, modulus of elasticity: 16 x 10" psi

¥, Poisson's ratio: 0.33

Zurbine end

Inconel 713
0.665 inch
1.5 inches 3
0.286 lz/in
25 x 10” psi
0.29

In order to reduce the centrifugal growth, the journal bearings
were located somewhat inward instead of at the extreme end of compressor

and turbine wheels.

3.4 Journal Bearing Thermal Effects

In addition to the centrifugal growth of the journal bearing
radial clearances, the temperature difference across a journal bearing

gas film can cause changes in the radial clearance.

If this temperature

difference is large, it will cuase large changes in the radial clearance,

and, therefore, corrective action must be taken.

Figure 3 represents the turbine end journal bearing and the

stationary shaft.

.= _Compressor

Rotating Bearing

Turbine , .

Stationary Shaft x=0 =L
! i
i _ 1
: Tb = const. %
t ﬁ' C — | i
™7 ) N h
— — ~F |
T, ¢, T (0 T () T (L) T,

Figure 3

Journal Bearing Thermal Effects



. From the energy equation with Couette flow conditions, the
following expression was obtained which gives the temperature difference
between the bearing and the shaft at any position x.

1 dTS(X):
T, - T . (x) = ‘
b I sinh L =
L ow?
2 Jkg
k
where: N o= E%E
Setting x

T, - T5(0)

where:

dTg (%)

cosh_fi.(x -L) + |—— cosh 4\ x

dx

(2)

= 0 in equation (2), we obtain the maximum temperature difference
across the gas film,

1 dTS (X)
JK-sinh N L dx

Tb’ bearing temperature:

Tg(L), shaft temperature at x=1L:

— -
dTg(x) | . Tg(0) - Ty
{"E§"_ - __"fZI___' :
- ~0

= =

1dTS(X) N TS(L) - T2

§ dx : - .12

L, bearing length:

U, linear bearing velocity:
C, radial clearance:

t, shaft wall thickness:

kg, gas thermal conductivity:

L, viscosity:

k, shaft thermal conductivity:

J, Joule constant:

dT. (x) | 2
S i -uu
ANLo+ dx l 2Jk 3
— L
1632°R
to be determined
1632 - 536 o /1
=25 = 151.2°F/inch

0 (since no temperature difference
was assumed toward the support)

1.33 inches
8.08 x 10° ft/hr (38,500 rpm)
0.0011 inch
0.1 inch

0.0231 Btu/hr-£ft-°F (argon at 1600°R)

.88 x 10710 1b-hr/ft2 (argon at
1600°R)

8.5 Btu/hr-ft-°F (titanium at 1600°R)
778 £t-1b/Btu

N



Substituting the above values in equation (3), we obtain

0.0231

M= EH .00 0. - 24-7/sq.in.
and
T, - T,(0) = L {?51.2 cosh (1.33 y24.7) + é}
{24.7 sinh (1.33 {24.7 ) w
_ (2.88 x 10710)(8.08 x 105)2
(2) (778) (0.0231)
T, - T,(0) = 30.4 - 5.2 = 25.2°F

The change in the radial clearance (AC) due to this temperature difference
can now be calculated by the ‘equation -

AC = oRAT

where:

¢, linear expansion coefficient of Titanium

(6% Al, 4% V) shaft: 6.0 x 10" per °F
R, journal bearing radius: .665 in
AT, temperature difference: 25.2 °F

Substituting we obtain
AC = .000100 in

This is 97 of the design radial clearance (.0011 in) and therefore the effect
will be small.

The approximations in the previous page

dT (x) dT (x)
s 4 | ==
dx an dx
0 L

assume linear temperature gradient in the shaft between the bearings. This
implies adiabatic wall along the shaft, except at the bearings and at the

end points, and constant thermal conductivity. The adiabatic wall assump-
tion is a good one under hydrodynamic operation. Although the thermal con-
ductivity of the shaft varies from 3.8 BTU/hr-ft-°F at 536°R to 8.5 at 1600°R,
since the higher value of thermal conductivity was used the estimate is
conservative,



4.0 THRUST BEARING DESIGN

4.1 Thrust Bearing Hydrodynamic Parameters

A spiral-grooved, pump-in thrust bearing was selected instead
of a stepped type because it has higher load-carrying capacity and lower
power loss. Both faces of the double-acting thrust bearing are grooved
so that it can carry loads in both directions under hydrodynamic opera-
tion. '

4.1.1 Geometrical Parameters
Outside radius: 1.75 inches
Inside groove radius: 1.35 inches
Inside radius: 0.8 1inch
Total axial clearance: 6 mils
Groove depth: - 2.18 mils
Number of grooves: 25
Groove angle: 17.5 degrees
Groove-to-ridge width ratio: 1.560
4.1.2 Operating Parameters
Speed: 38,500 rpm
Thurst load: 35 1b (toward the compressor)
Ambient pressure: 12 psia
Viscosity: 4 x 109 1b-sec/sq.in. (argon)
Temperature: 700°R
Compressibility number: 18.5
Running clearance: 0.73 mil (other side 5.27 mils)
Film stiffness: 94,000 lb/inch
Power loss: 111 watts
4.2 Thrust Bearing Hydrostatic Parameters

Since the thrust load reverses itself during transient condi-
tions, both sides of the double-acting thrust bearing were provided with
orifices so that the thrust bearing can carry loads in either direction.

4.2.1 Geometrical Parameters
Type of restrictor: inherently compensated
Outside radius: 1.35 inch (same as inside groove radius)
Feeder hole circle, radius: 1.04 inches
Inside radius: 0.8 inch
Diameter of feeder holes: 0.0625 inch
Number of feeder holes: 15 (per side)
Total axial clearance: 6 mils



4.2.2 Operating Parameters

Speed: 0

Thrust load: 70 1b (toward the turbine)

Supply pressure: 84.7 psia

Ambient pressure: 12 psia

Viscosity: 3.34 x 1079 1b-sec/sq.in. (argon)
Temperature: 70°F

Running clearance: 1 mil (other side, 5 mils)

Film stiffness: 79,000 1b/inch

Total flow rate: ' 2.5 1b/min (2.1 1b/min through

5 mils clearance and 0.4 1b/min
through 1 mil clearance

4.3 Thermal Distortion of the Thrust Bearing Stator

The spiral-grooved thrust bearing can distort due to the heat
generated by viscous shear in the bearing gap. Any distortion is
undesirable because it reduces the load-carrying capacity. The change
in the bearing gap, Ah, at the outer rim was calculated by the equation

2
o BWTRG (ReZ + R 2)
k 10 Jh )

Ah =

where:

O, coefficient of linear thermal

expansion: 6.4 x 10-6 per °F (beryllium)
k, coefficient of thermal -3
conductivity: 2.014 x 10 © Btu/sec-in-°F (beryllium)
U, viscosity: 4 x 1077 lb-sec/sq.in. (argon at 700°R)
w, speed: 4032 rad/sec (36,500 rpm)
Ro’ thrust bearing outside radius: 1.75 inches
R;, thrust bearing inside radius: 0.8 inch
h, running gap: 0.00073 inch
J, Joule constant: 9336 inch-1b/Btu

Substituting the above values in equation (4), we obtain

Ah = 0.000035 inch

The change in the running gap at the outer rim due to thermal distortion
is 5%.



Equation (4) was obtained as follows: The heat generated due
to viscous shear in the bearing gap will cause an axial temperature
gradient within the stationary thrust plate. Since the outer edge of
the thrust plate is free, the originally flat bearing surface will now
assume a spherical curvature with radius, R, equal to

R = (5)

R =
I

where t is the thickness of the thrust plate, and AT the temperature
difference between the two faces of the thrust plate. In the analysis,
it was assumed that the temperature gradient between the thrust plate
faces is linear, and the temperatures at the faces are uniform.

From Fourier's one-dimensional heat conduction equation

t _ k
AT q (6)
and from geometrical considerations

RZ

R = 54 (7)
Substituting equations (6) and (7) into equation (5), we obtain
2
2 (8)

where q is the heat (per unit area and per unit time) generated due to
viscous shear in the bearing gap and flows axially through the thrust plate.
Assuming constant thrust bearing gap h, the heat is equal to

2 2 2
W (RO + Ri )
@ = —2—1°(8 (5 9

This will yield a conservative estimate since the heat generated in a con-
stant gap is larger than the heat generated in a distorted gap.

The factors 0.8 and 0.5 are introduced in equation (9) because the heat
generated in a spiral-grooved bearing is about 80% to that of a plain bear-

ing and about 50% of this heat flows axially.

Substituting equation (9) into equation (8), equation (4) is obtained.

- 11 -



4.4 Centrifugal Distortion of the Thrust Bearing Ruoner

at start up

/ﬁ// at design speed
60 1bs thrust load > ~— 30 1bs thrust load

-
K?;? stationary shaft

Figure 4

Bending of the Thrust Bearing Runner due to
Centrifugal Forces

The thrust bearing runner which is part of the compressor wheel
will deflect due to centrifugal forces. If this deflection is appreciable,
it will cause loss of load-carrying capacity of the thrust bearing.

The compressor wheel and thrust bearing arrangement is shown in
Figure 4. The line originally AB will assume the exaggerated position AB'
under high-speed rotation. The axial deflection of the thrust surface AB
as a function of radius at 46,200 rpm is shown in Figure 5. The maximum
deflection at the outer rim of the thrust bearing is about 1 mil. The
total axial clearance of the thrust bearing is 6 mils. The running
clearance between C and D is 0.73 mil and between D and E, 5.27 mils.
Therefore, a deflection of 1 mil in a 5.27-mil running clearance will
not affect the thrust bearing operation.



INCHES

FIGURE 5

AXIAL DEFLECTION OF THE THRUST BEARING
RUNNER VS RADIAL DISTANCE

—
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~
A9 ]

RADIAL DISTANCE,
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{jTHRUST BEARING%
Lg——

|
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AX 1AL DEFLECTION,. MILS
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The deflection of the compressor wheel, neglecting the blades,
was found according to the method described by Roark (Ref. 4) as follows:
The compressor wheel was divided into eight concentric rings. Each ring
is acted on by normal stresses, body forces, and unknown moments.
Equating the slopes of adjacent rings, seven equations were obtained
in terms of the seven unknown moments. Having found the moments, the
deflections of each ring were calculated. The deflections were then
added to find the total deflection of the wheel.

.In reality since the counterbalancing and stiffening effect
of the blades was neglected in this analysis, the predicted deflection
is much larger than what is actually anticipated.

Although member C will tend to reduce the deflection of member
E, the connection was designed as a shear compliance joint with the intent
to minimize any interaction between faces E and C.



5.0 BEARING-ROTOR DYNAMICS

5.1 Rigid Body Critical Speeds

The rigid body critical speeds of the gas bearing system (shaft,
rotor, flexible supports, and gas film) can be determined from the equiva-
lent mechanical system shown in Figure 6.

c.g. of rotor

- ——
—

-~

o

o~ !
!
!
'L-M
|

i

X < “1 2 g
2 b
3K 3
S - C.8. of shaft 3
*.'?'. \ >
—— b 3
e S Y|
R e e
< <
:
< K3 5 4
% >
VL TTTTTTITIT

Figure 6

Vibrational Model of the Gas Bearing System

The vibrations of the two-degree-of-freedom system shown in
Figure 6 are uncoupled; that is, the system has two translational and
two angular critical frequencies which are independent of each other.
For the vibrations to be uncoupled, the following conditions must be
satisfied.

_15_



1) The center of gravity of the shaft and rotor must
coincide.

2) Ky = Ky,

3) K313 = K4]4

The equations of motion of the system are:

For translation:

M_ox + (K1 + K2)x - (K1 + Kz)y = 0
(10)
MS y + (K1 + K2 + K3 + K4)y - (K1 + K2)x = 0
For rotation:
N 2 2 2 2 _
I8+ KA+ KL - RS HRL,DIP = 0
- (11)
2 2 2 2 _ 2 22 _
I b+ % R+ kL2 kDS - @4 xA e = 0
The lower and higher critical frequencies of the system were obtained from
the following equation:
— 1/2
| .
w- 4%+ 2 A2-4B.1 (12)
2 2 4
L 1
where:

For translation:

M (Ky + Ky + Ky + K)o+ Mg(R) + Ky)
MrMs

(K ¥ K (&5 * Ky
MrMS

- 16 -



For rotation:

2 2 2 2 2 2
LR ™+ R L™ + Rl 2+ R D2+ T (Rf2 + K LD
I I

2 2 2 2
& 4" KA KA+ KA
1,1

r—s

The numerical values of the parameters which were substituted in equation (12)
‘ to obtain the critical speeds are as follows:

M., mass of the rotor: 0.0264 1b-sec?/inch
Mg, mass of the shaft: 0.0033 1lb-sec?/inch
I,, transverse moment of inertia of the rotor: 0.3940 lb-seczfinch
IS, transverse moment of inertia of the shaft: 0.0493 1b-seczfinch

K3, flexible support stiffness (compressor end): 8300 1b/inch

K4, flexible support stiffness (turbine end): 9500 1b/inch
11 (see Figure 6): 5.0 inches
£, (see Figure 6): 3.5 inches

2
13 (see Figure 6): 6.1 inches
Az (see Figure 6): 5.4 inches

The journal bearing film stiffness K and film damping B are func-
tions of the compressibility number A and eccentricity ratio €. Table I
shows the film stiffness and film damping for three radial clearances, 1.0,
1.1 (design clearance), and 1.2 mils at 38,500 .rpm and Table II at 46,200 rpm.

Table I *

at 38,500 rpm

C A A ¢ ¢ K1 Ky By )
mils 1 2 1 2 lb/inch 1b/inch 1b-sec/inch 1lb-sec/inch
1.0 2.78 6.42 0.25 0.24 21,200 28,700 3.49 2.26
1.1 2.30 5.30 0.28 0.25 17,400 25,000 3.47 2.27
1.2 1.93 4.46 0.30 0.26 13,300 22,100 3.25 2.30

* Subscript 1 refers to the compressor end bearing and 2 to the turbine
end bearing.

- 17 -



Table II

at 46,200 rpm

Kl K2

C
‘Al AZ E1 Eé lb/inch 1b/inch 1b-sec/inch 1b-sec/inch

1.0 3.34 7.70 0.22 0.23 23,400 29,700
1.1 2.76 6.37 0.25 0.24 19,300 26,100
1.2 2.32 5.35 0.28 0.25 15,900 23,000

2.70 1.76
2.59 1.70
2.63 1.68

The lower and higher translational frequencies, and the lower
and higher angular frequencies based on film stiffness at 38,500 and

46,200 rpm are shown in Tables III and IV.

Table III

Based on film stiffness at 38,500 rpm

Rigid body critical speeds, rpm

Radial Translational
clearance
mils Lower Higher
1.0 6,513 44,732
1.1 6,379 42,068
1.2 6,227 39,422

Table IV

Based on film stiffness at 46,200 rpm

Angular
Lower Higher
8,824 53,365
8,538 50,596
8,165 47,731

Rigid body critical speeds, rpm

Radial Translational
clearance
mils Lower Higher
1.0 6,551 45,821
1.1 6,437 43,156
1.2 6,303 40,759

- 18 -

Angular
Lower Higher
8,939 54,645
8,671 51,818
8,375 49,335



5.2 Journal Bearing Stability

The journal bearing stability maps for the translational and
angular modes at 1.1 mils radial clearance are shown in Figures 7 and 8.
The curves show the required amount of damping in the shaft to ensure
stability at a given speed. The region under the curve is unstable
and above the curve stable. Although the threshold of instability has
not been determined, it should be above 70,000 rpm. Additional shaft
damping values for 1.0 and 1.2 mils radial clearance, based on film
properties at 38,500 rpm and 46,200 rpm, are shown in Tables V and VI.
As it can be seen from Tables V and VI the smaller clearances require
less shaft damping than the larger clearances. This is because the
film stiffness decreases as the radial clearance increases.

Table V

Based on film stiffness and film damping at 38,500 rpm

Radial . )
clearance Shaft damping, lb-sec/inch
— mils Translational Angular

1.0 1.395 . 1.518
1.1 1.962 2.281
1.2 2.720 3.565

Table VI

Based on film stiffness and film damping at 46,200 rpm

Radial Shaft damping, lb-sec/inch
clearance
mils Translational Angular
1.0 1.231 - 1.365
1.1 1.652 1.928
1.2 2.324 2.862

The damping is provided by inserting a tube in the shaft, as
shown in Figure 2, which is filled to one-half of its volume with copper
pellets of 0.1 mil diameter. The atmosphere within the tube is argon.
Under these conditions the shaft damping will be 3.4 1b =-sec/in at 38,500
rpm and 4.1 1b -sec/in at 46,200 rpm. As it can be seen from Tables V and
VI, the available shaft damping is greater than the required damping for
stability, with the exception of 1.2 mil radial clearance. Therefore,
care must be taken not to exceed the 1.1 mil radial clearance at design
speed.
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FIGURE 8

STABILITY MAP-ANGULAR MODE
SHAFT DAMPING VS SPEED

RADIAL CLEARANCE: 1.1 MILS
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6.0 FLEXURAL CRITICAL SPEEDS

6.1 Flexural Critical of Stationary Shaft

The fundamental flexural critical speed of the shaft was deter-
mined by assuming the shaft as a clamped-clamped beam with uniformly
distributed load. The length of the beam was taken to be equal to that
~of the shaft and the flexible supports. This method should give a
conservative answer; since the stiffness of the flexible supports is
much lower than that of the shaft, the shaft will vibrate as a free-
free beam and, therefore, will have a higher flexural critical speed.

The fundamental mode of a uniformly loaded, clamped-clamped beam is
given by the equation

Elg
w . 224 /2% (13)
£2 PA

where:
), fundamental frequency: to be determined, rad/sec
A, length: 15.5 inches (shaft and
flexible supports)
E, modulus of elasticity (dynamic): 10.5 x 10° psi (Ti, 6% Al,
. 4% Vv, at 1200°F)
p, density: 0.160 1b/cu.in.
A, cross-sectional area: %(1.332 - 1.132) = 0.3864 sq.in.
I, moment of inertia: = (1.33% - 1.13%) = 0.0736 in.*
g, dimensional constant: 386.09 inch—lbm/lbf-sec2

Substituting the above values in equation (13), we obtain:
W = 6,477 rad/sec = 61,857 rpm

which is above the overspeed conditionm.

6.2 Flexural Critical of Rotor
The rotor shown in Figure 2 being annular will have a flexural

critical speed higher than that of the existing turbocompressor (55,000 rpm)
shown in Figure 1.
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7.0 BEARING SYSTEM MATERTALS AND THERMAL COMPATIBILITY

The materials for the compressor and turbine wheels are titan-
ium (6% Al, 4% V) and Inconel 713 respectively. The stationary shaft
material is Titanium (6% Al, 4% V) and that of the flexible supports
Inconel X-750. The reason for selecting Titanium as the shaft material
is to make the mass of the shaft small in comparison to the mass of the
rotor. In general, the smaller the mass of the shaft is the higher the
whirl threshold will be. Inconel 713 shaft could be used with a smaller
wall thickness (about 1/16 inches) than that of Titanium shaft (.100 in)
so that to keep the mass the same. This material selection may be more
compatible thermally. The turbine and compressor end journal bearing
bushings are of the same material as that of the wheels, i.e. Inconel
713 and Titanium. All mating bearing surfaces are flame sprayed with
chrome oxide coating to a 3 mil thickness.

The thrust plate stator material is Beryllium (density = .07
1b/in”) and therefore adds little to the mass of the shaft. In addition,
Beryllium has low coefficient of thermal expansion-to-thermal conductivity
ratio in comparison to other materials which reduces the distortion of the
thrust plate due to viscous shear.

The bearing material thermal compatibility problem should be
further investigated if this bearing system is to be used in the radial
flow turbocompressor. This can be done after the analytical studies of
this contract pertaining to journal bearing stability have been experi-
mentally verified. '

The problem of differential thermal expansion between housing
and rotor is of concern for any turboexpander. To avoid difficulty care
must be taken to match the thermal expansion of rotor and housing. Similar
designs have run successfully at cyrogenic temperatures with a AT of over
400°F and with rotor-to-shroud clearance 10 mils at ambient temperature.
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8.0 CONCLUSTONS

The analytical work performed under this contract showed that
full cylindrical journal bearings with flexible damped supports used in
conjunction with a stationary shaft can meet the requirements of this
contract, i.e., high threshold of stability, low bearing power loss,
long bearing life, and thermal isolation of bearing and support from
the housing. In addition, it is apparent that this arrangement will
provide a simple design, easy alignment, and reduced weight.

9.0 RECOMMENDATIONS

Since the results of this analysis were encouraging, it is
recommended that the following additional work be done:

1) investigate the effect of feeder holes on hydro-
dynamic operation

2) build a gas bearing tester to verify experimentally
the analytical findings.
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NOMENCIATURE

compressibility number,

S (t)

a
viscosity, lb-sec/in2 or ll;-hr/ft2
journal bearing radial clearance, in. or mils
journal bearing radius, in.
ambient pressure, psia
speed or critical frequency, rad/sec.
centrifugal growth of journal bearing radial clearance, in.
density, lb/in3
modulus of elasticity, psi
outside radius (annular disk), in.
inside radius (annular disk), in.
Poisson's ratio
bearing temperature, °F
shaft temperature, °F
linear bearing velocity, ft/hr
bearing length, in.
gas thermal conductivity, Btu/hr-ft-°F
coefficient of thermal conductivity (shaft or thrust plate),
Btu/hr-£t-°F or Btu/sec-in.-°F
thrust bearing running gap, in.
change of thrust bearing gap, in.
thrust bearing outside radius, in.
thrust bearing inside radius, in.
coefficient of linear thermal expansion, per °F
shaft wall or thrust plate thickness, in.
heat, Btu/in.Z2-sec
temperature difference, °F
mass of the rotor, lb-sec2/in.
mass of the shaft, lb-sec?/in.
transverse moment of inertia of the rotor, lb-sec2-in.
transverse moment of inertia of the shaft, lb-secZ-in.
journal bearing film stiffness (compressor end and
turbine end), 1b/in.
flexible support stiffness (compressor end and
turbine end), 1b/in.
journal bearing film damping (compressor end and
turbine end), lb-sec/in.
eccentricity ratio (compressor end and turbine end)
translation of the center of gravity of rotor and shaft, in.
rotation of the center of gravity of rotor and shaft, rad.
moment of inertia of area, in.
cross-sectional area, in.2
Joule constant, 778 ft-1b/Btu or 9336 in-1b/Btu
dimensional constant, 386.09 in-lby/lbg-sec?
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ANALYSIS OF A GAS BEARING SYSTEM WITH SHAFT

DAMPING FOR STABILITY

by
S. V. Lukas

ABSTRACT

The application of Linde's gas bearing system to Brayton-cycle
turbomachinery was investigated. The bearing arrangement was
selected for the radial flow turbocompressor built under Contract
NAS 3-2778. The stiffness of the flexible supports and the shaft
damping were determined to ensure journal bearing stability.
Also, all other pertinent bearing parameters were determined.
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